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Abstract—This paper explores the application of the recently
introduced Series Active Variable Geometry Suspension (SAVGS)
to the control of chassis attitude motions and the directional
response of cars. A co-design methodology, involving a component
dimensioning framework and a multi-objective control scheme,
is developed to maximize the SAVGS control capabilities while
respecting vehicle and actuator design constraints. The dimen-
sioning framework comprises: a steady-state mathematical model
based on the principle of virtual work; a parameter sensitivity
analysis that sheds light on the dependencies that exist between
the properties of the passive suspension, the SAVGS and the
chassis; and an algorithm to size the main SAVGS components for
any given vehicle and steady-state performance objectives. The
general multi-objective control scheme is presented for general
application, and the particular case of combined chassis attitude
control and overturning couple distribution control is developed
in detail. The proposed scheme is subsequently applied to a high
performance sports car and a fully laden SUV and tested under
a wide range of operating conditions through the simulation of
standard open-loop maneuvers. Results demonstrate the SAVGS
potential to favorably regulate the attitude motions and direc-
tional response in both vehicle classes.
Index Terms—Vehicles, mechatronics, vibration control.
I. INTRODUCTION
Active suspensions were introduced in mass produced pas-
senger cars in the 1980s [1], but only recently have they
become widely available. According to [2], the automotive
suspension market will be worth $66.2b by 2018, and most
of the premium/luxury vehicles will be equipped with active
or semi-active suspensions. There are many reasons for this
increase in popularity, from the price drop of sensors and
electronic components, to higher consumer expectations and
synergies with other intelligent systems on-board.
Historically, hydraulic actuators have prevailed in active sus-
pensions. However, this is changing rapidly and a significant
proportion of current research focuses on mechatronic systems.
From Bose’s proprietary technology [3], to small customized
linear electromagnetic actuators [4] and off-the-shelf rotary
actuators [5]–[7], there is a remarkable number of alternatives
being studied and/or developed. The pursuit of the fully
electric vehicle is surely driving this shift, and it may not be
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Fig. 1: SL variant of the SAVGS. Points G and F are the
joints of the SL with the chassis and strut end respectively.
The actuation torque, TSAVGS, is applied to the SL about a
longitudinal axis that goes through point G. When TSAVGS =
0, the system stays in the passive equilibrium configuration
shown in (a). Otherwise, the rotation of the SL (b) alters the
spring-damper force and installation ratio [7].
long before mechatronic solutions become the norm for active
suspensions.
A considerable amount of research on mechatronic active
and semi-active suspensions deals with quarter-car models
and/or test rigs, and focuses primarily on comfort and road
holding enhancement [8], [9], actuator control in the presence
of saturations [10], and validation of actuator models [11].
This paper, on the other hand, deals with the dynamics of
the full vehicle and tackles the problems of attitude control
(i.e. mitigation of heave, pitch and roll motions of the chassis)
and directional response control. It uses the single-link (SL)
variant of the Series Active Variable Geometry Suspension
(SAVGS) that was recently presented in [7] and that is shown
in Fig. 1. The SAVGS maintains all elements of a passive or
semi-active suspension, and introduces a device between one
of the end eyes of the spring-damper unit and its adjacent body.
This device, which acts in series with the spring-damper and
comprises an electro-mechanical actuator and a mechanism, is
able to control the position of the end eye, thus modifying the
orientation and elongation of the strut.
The main contributions of this paper are 1) the development
of a co-design methodology, that involves a component dimen-
sioning process and a control scheme, to optimize the SAVGS
control performance while satisfying design constraints for the
vehicle and actuators, and 2) the application of the SAVGS
and the proposed control to two vehicle classes, their virtual
testing through a varied set of open-loop test maneuvers, and
the presentation of a detailed account of the results. The
mathematical model to study the potential of the SAVGS for
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attitude and overturning couple distribution (OCD) control in
steady-state is developed in Section II. The analysis of the
interdependencies between the vehicle, passive suspension and
SAVGS properties, and the derivation of a pre-dimensioning
algorithm based on steady-state performance requirements is
performed in Section III. A general and flexible multi-objective
control scheme for the SAVGS, and its personalization for
combined heave, pitch, roll and OCD control are presented in
Section IV, and simulation results are provided in Section V.
Conclusions are drawn in Section VI and main parameter
values are included in the Appendix.
II. STEADY-STATE MATHEMATICAL MODEL
In this section, a steady-state mathematical model is de-
veloped to study the equilibrium of forces in a vehicle
retrofitted with the SAVGS. This model is subsequently used
in Section III to derive a pre-dimensioning algorithm based on
steady-state performance objectives. It also provides valuable
insights into the behavior of the SAVGS, which are incorpo-
rated in the control scheme presented in Section IV.
In a first step, the tire forces are estimated for the vehicle
and operating conditions of interest by applying Newton’s
second law and Euler’s second law to the whole car. Then
it is assessed whether the SAVGS is able to maintain an
equilibrium of forces in all corners of the vehicle by applying
the principle of virtual work.
The mathematical model is fed with the nominal properties
of the car, passive suspension and SAVGS, and with a set
of operating conditions, including the forward speed, payload,
longitudinal and lateral accelerations, and overturning couple
and lateral force distributions.
A. Tire forces
Vertical forces are estimated first as follows. Let us refer to
Fig. 2 and let Ftz be the vertical tire force at any given corner:
Ftz = F
(ne)
tz +∆F
(pl)
tz +∆F
(ae)
tz +∆F
(ax)
tz +∆F
(ay)
tz , (1)
where F (ne)tz is the vertical tire force in the nominal confi-
guration, ∆F
(pl)
tz represents the vertical tire force increment
due to a change in payload (sprung mass), ∆F (ae)tz is the
vertical tire force increment due to a change in aerodynamic
downforce, ∆F (ax)tz is the vertical tire force increment due to
the longitudinal acceleration, and ∆F
(ay)
tz is the vertical tire
force increment due to the lateral acceleration.
For the equilibrium of forces in z to hold for the whole
vehicle as well as for each axle independently, the following
must be satisfied:
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where the left superscripts refer to the corner number, with 1 to
4 corresponding to the front left, front right, rear left and rear
right corners respectively. The balance of pitching moments,
∑My = 0, leads to:
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Fig. 2: External forces acting on the vehicle in the x− z (left)
and y − z (right) planes during acceleration and cornering.
Forces acting on the right (left) and front (right) wheels are
shown for the ax, ay > 0 case.
The front and rear unsprung mass values, muf and mur,
correspond to the mass that is not supported by the spring in
each corner of the vehicle (generally tire, wheel carrier, brake
disk, brake pad, caliper, and some portion of the wishbones);
the sprung mass, ms, represents the remainder of the mass of
the car; hCMC is the height above the ground of the center of
mass of the chassis (CMC); and Rwhf and Rwhr are the front
and rear wheel radii.
The overturning couple due to the lateral acceleration,
Mx,CMCG, can be calculated through (4). As it can be seen
in Fig. 2, this torque is compensated by a lateral load trans-
fer from the inner to the outer wheel in each axle. The
percentage of overturning couple compensated by each axle
has a significant effect on the directional response of the
vehicle, as the tire properties are non-linear functions of the
tire loads. In a vehicle equipped with a passive suspension
system, the contribution of each axle is predetermined by its
geometry (i.e. roll center height) and its roll stiffness (i.e.
spring stiffness, installation ratio and track width). If equipped
with the SAVGS, the front (or rear) SAVGS actuators can
be commanded to compensate for a given percentage of the
total overturning couple as long as the single-links have not
reached their limiting positions. Defining the OCD factor, σ,
as the ratio of overturning couple compensation provided by
the rear axle, the front and rear lateral load transfer terms can
be obtained from (4).
Mx,CMCG = − [mshCMC + 2 (mufRwhf +murRwhr)]ay,
1
∆F
(ay)
tz = (1 − σ
tf
)Mx,CMCG,
3
∆F
(ay)
tz = (σ
tr
)Mx,CMCG.
(4)
Finally, the remaining terms in the right hand side of (1)
can be calculated for each wheel through:
1F
(ne)
tz =
2F
(ne)
tz =
1
2
[(m(ne)s br
bf + br
+ 2muf) g + cadf (v(ne)x )2] ,
3F
(ne)
tz =
4F
(ne)
tz =
1
2
[(m(ne)s bf
bf + br
+ 2mur) g + cadr (v(ne)x )2] ,
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Fig. 3: Nominal equilibrium for the passive suspension (a) and for the same system retrofitted with the SL variant of the
SAVGS (b). A dynamic equilibrium is shown in (c), where the SAVGS compensates for the increased tire load and ensures
that the wishbones remain in their desired positions. Angles are measured around the x’-axis with respect to the y’-axis, and
tire forces are negative as drawn. Points A, C and G are fixed to the chassis; points B, D, H and I are fixed to the wheel;
points E and F are fixed to the spring-damper unit; and point E∗ is fixed to the lower wishbone.
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where cadf and cadr are the aerodynamic downforce coefficients
for the front and rear axles, vx is the longitudinal speed of the
vehicle, and g is the gravitational acceleration.
The lateral forces are estimated by: 1) defining ζ as the share
of lateral tire force provided by each wheel within the axle, and
2) combining the equations resulting from the lateral force and
yawing moment equilibriums (assuming that the contribution
of longitudinal forces is small with respect to that of the lateral
forces). This leads to (6), where Fty are the lateral tyre forces
and j = 1 if ay ≥ 0, and j = 2 otherwise.
ζf =
(3−j)F ty
jF ty
, ζr =
(5−j)F ty
(2+j)F ty
jF ty =
1
1 + ζf
(ms br
bf + br
+ 2muf)ay
(2+j)F ty =
1
1 + ζr
(ms bf
bf + br
+ 2mur)ay
(6)
The use of ζ as a factor that is independent of tire properties,
sideslip angles etc. is useful to explore a wide range of
lateral force distributions representative of different operating
conditions and friction coefficients in each corner of the car.
B. Corner equilibria
A set of equations to assess whether the SAVGS is able
to maintain the equilibrium of forces in all corners of the
vehicle is derived next. The double-wishbone arrangement
under consideration is shown in Fig. 3. The passive and active
configurations for the nominal equilibrium (nominal payload
and forward speed, no longitudinal or lateral acceleration) are
shown in Fig. 3-a and Fig. 3-b respectively. The dynamic
equilibrium shown in Fig. 3-c corresponds to the general case
in which a steady-state is reached for a given payload, forward
speed, overturning couple and lateral force distributions, and
longitudinal and lateral acceleration values.
By defining a local reference frame, x′y′z′, for each corner
of the vehicle, the equations can be obtained for a “generic”
corner and applied to all others without further modifica-
tions. The correspondence between the local reference frames,
x′y′z′, and the global reference frame, xyz [12], is:
● front left and rear left (corners 1 & 3): x′ = −x, y′ = −y,
● front right and rear right (corner 2 & 4): x′ = x, y′ = y,
and z′ = z in all cases. Rotation angles are defined about the
local x′ with respect to the local y′ axis.
The vehicle’s properties, operating conditions and tire forces
as well as the SAVGS configuration (i.e. SL lengths and
angular positions) are assumed to be known and fixed in this
analysis. Looking at each corner independently, the first step
is to calculate the spring force, FSD, required to maintain the
wishbones and wheel in the desired positions. This force is
then used to determine the torque that the SAVGS actuator
needs to apply to the SL.
1) Spring-damper force: applying the principle of virtual
work to a corner of the car, and considering a static chassis, the
wishbones and wheel being allowed to move with respect to
the chassis in the y′−z plane, the vertical and lateral tire forces,
the inertial forces due to gravity and lateral acceleration, and
the spring force acting on the lower wishbone, gives:
δW =FtzδzI + Fty′δy
′
I
+mu (gδzH − ay′δy′H) + FSDδlSD = 0, (7)
where the dashed symbol is used to indicate coordinates in
the local reference frame. The spring force is considered to
be positive when the spring is compressed with respect to its
unloaded condition (i.e. lSD ≤ lSD0 ), and is given by (8),
FSD = k [lSD0 (lSL, θ(ne)SL ) − lSD (lSL, θSL)] . (8)
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A general expression for the SD length can be obtained from
the geometrical analysis of Fig. 3:
lSD = FE =
√
FE
2
y′ + FE
2
z =
√
l2SL + a1lSL + ao, (9)
with a0 being a constant that is independent of the SAVGS
configuration, and a0 and a1 given by
a0 = α0 + α1c1 + α2s1,
a1 = α3c2 + α4s2 + α5c12 + α6s12,
(10)
where c1 = cos (θLW), s1 = sin (θLW), c2 = cos (θSL),
s2 = sin (θSL), c12 = cos (θLW − θSL), s12 = sin (θLW − θSL),
and constants α0 to α6, which depend only on the passive
suspension geometry, are given in (11). Subscripts y′ and z
indicate projections in the y′ and z directions respectively.
α0 = GA
2
+AE∗
2
+ EE∗
2
, α1 = 2(GAz ⋅ EE∗ −GAy′ ⋅AE∗) ,
α2 = −2(GAz ⋅AE∗ +GAy′ ⋅ EE∗) , α3 = 2GAy′ ,
α4 = 2GAz, α5 = −2AE
∗, α6 = −2EE
∗.
(11)
Finally, a usable expression to assess if the corner is in
equilibrium is obtained by dividing (7) by δzI with δzI → 0:
Ftz + Fty′
dy′I
dzI
+mu (g dzH
dzI
− ay′
dy′H
dzI
) + FSD dlSD
dzI
= 0. (12)
The tire forces, Ftz and Fty′ , can be calculated as a function
of the vehicle characteristics (i.e. ms, muf, mur, bf, br, tf,
tr), the OCD, σ, the share of lateral tire forces within each
axle, ζf and ζr, and the operating conditions, vx, ax and ay ,
through equations given in Section II-A. Terms
dy′I
dzI
, dzH
dzI
, and
dy′H
dzI
depend solely on the suspension geometry (i.e. wishbone
lengths and angles, wheel radius and camber angle). FSD is
given by (8), and the spring deformation rate with respect
to the vertical displacement of point I can be split into two
factors:
dlSD
dzI
=
dlSD
dθLW
dθLW
dzI
. (13)
The second term, dθLW
dzI
, depends solely on the passive suspen-
sion arrangement and can be treated as a parameter, whereas
the first one depends on the SL length and its angle:
dlSD
dθLW
=
1
2lSD
[ − α1s1 + α2c1 − lSL (α5s12 − α6c12) ]. (14)
2) Actuation torque: applying once again the principle of
virtual work, but this time focusing on the SL alone, gives:
δW = TGδθSL + FSDδlSD = 0. (15)
A usable expression that relates the actuation torque to the SD
force and the geometrical arrangement is obtained by dividing
(15) by δθSL and taking the limit δθSL → 0:
TG = −FSD
dlSD
dθSL
, (16)
with dlSD
dθSL
given by:
dlSD
dθSL
=
lSL
2lSD
(−α3s2 + α4c2 + α5s12 − α6c12) . (17)
III. SINGLE-LINK PRE-DIMENSIONING BASED ON
STEADY-STATE PERFORMANCE REQUIREMENTS
An important design criterion for active suspension systems
dealing with chassis attitude motions is the maximum roll
(pitch) angle allowable for a given level of steady-state lateral
(longitudinal) acceleration.
The aim in this section is to derive a pre-dimensioning
algorithm that computes the shortest SL lengths and associated
nominal angles that satisfy the steady-state performance ob-
jectives. By minimizing the SL lengths, the required actuation
torques are minimized [7] and the surplus torques available at
any given time to rotate the single-links are maximized. As
a consequence, the actuators are less likely to saturate and
the control design can be simplified. The dynamic response
of the SAVGS can thus be improved through proper SL
dimensioning.
A. Parameter sensitivity analysis
A parameter sensitivity analysis is performed to cast some
light on the dependencies that exist between the vehicle, the
passive suspension and the SAVGS properties.
Once all vehicle and SAVGS parameters have been fixed,
the maximum longitudinal and lateral acceleration values for
which full (heave, suspension pitch and roll) or partial (suspen-
sion pitch and roll) attitude control is achievable can be cal-
culated by making use of the equations derived in Section II.
This combination of longitudinal and lateral accelerations will
be referred to as the reachable envelope.
In order to compute this envelope, all combinations of
longitudinal and lateral acceleration must be considered, and
for each of them, it must be determined whether the vehicle
can be in equilibrium with the full and partial attitude controls
in place. The equilibrium is possible for a given set of
operating conditions if, and only if, the SAVGS is able to
maintain the force balances in all corners of the car. Thus, in
each corner, f(θSL) as given in (18), must equal zero for some
value θSL ∈ [θ(min)SL , θ(max)SL ].
f(θSL) =Ftz + Fty′ dy′I
dzI
+mu (g dzH
dzI
− ay′
dy′H
dzI
)+ (18)
FSD(θSL)dlSD(θSL)
dzI
= 0
Thanks to the intermediate value theorem, we know that if
∃a, b ∈ [θ(min)SL , θ(max)SL ] so that
f(a) ⋅ f(b) ≤ 0, (19)
there is at least one SL angle in [θ(min)SL , θ(max)SL ] for which (18)
holds and hence for which the equilibrium is possible.
For reasonably sized single-links (i.e. θSL ≤ EG/10), the
effect of the SAVGS on the installation ratio, which is captured
in the term dlSD
dzI
, is modest (particularly when the SL is
close to its limiting positions θ(min)SL and θ
(max)
SL ). Thus, once
the suspension geometry and tire loads have been fixed, the
evolution of f with θSL closely follows that of FSD. As
the compression of the SD is minimum and maximum at
θ
(min)
SL and θ
(max)
SL = θ
(min)
SL + pi respectively, it can be seen that
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min (f) ≈ f (θ(min)SL ) and max (f) ≈ f (θ(max)SL ). Therefore the
sufficient and necessary condition (19) can be replaced with
f (θ(min)SL ) ⋅ f (θ(max)SL ) ≤ 0. (20)
θ
(min)
SL and θ
(max)
SL are obtained from the geometrical analysis of
the suspension arrangement, and (20) can be evaluated during
the calculation procedure at low computational expense.
The procedure followed to calculate the reachable envelopes
is outlined in Fig. 4, and some of the key ideas behind it are:
1) the envelopes are symmetric with respect to the ax axis,
and therefore only positive values for the lateral acceleration
are considered; 2) if the SAVGS is not able to maintain the
equilibrium for a given pair (a∗x, a∗y), then it is not able to
maintain it for (a∗x,γa∗y) if γ ≥ 1; 3) if the SAVGS is able
to maintain the equilibrium for (a∗x, a∗y), then it is also able
to maintain it for (a∗x,γa∗y) if γ ≤ 1; 4) if the SAVGS is able
to maintain the equilibrium for (a∗x, a∗y) for the full attitude
control case, then it is also able to maintain it for the partial
attitude control case; 5) tire forces change with chassis height.
The algorithm sweeps the longitudinal acceleration from a
starting value a(min)x , to a final value a
(max)
x in fixed ∆ax steps.
For each ax, ay is set to zero and increased in variable ∆ay
steps until the maximum lateral acceleration for which full
attitude control is possible is within a certain tolerance, tol1.
The partial attitude control case is considered next. It starts
from the maximum lateral acceleration value found for the
full attitude control case, a(f)y , and allows for changes in chassis
height. Fig. 5 complements Fig. 4 and clarifies the approach
followed in this case.
The concept of the reachable envelope always applies to
the whole vehicle. However, we can study the SAVGS re-
quirements at the front and rear axles separately, reduce the
number of variables involved, and facilitate the interpretation
of results, by assuming that one of the axles is fitted with very
long SLs. This is the case because the axle equipped with very
long SLs will never be the limiting factor when calculating the
reachable ax − ay points, and therefore the resulting envelope
depends exclusively on the characteristics of the other axle.
From now on, we will refer to the reachable envelope for the
front (rear) axle, as the ax − ay points for which the SAVGS
is able to provide full attitude control when the rear (front)
axle comprises very long SLs.
Fig. 6 shows the reachable envelopes for the front and rear
axles of the Grand Tourer whose characteristics are provided
in Section V. Longitudinal and lateral acceleration values
have been normalized by the peak values reachable for some
reference configuration: aˆx = ax/a(ref,peak)x , aˆy = ay/a(ref,peak)y .
The influence of SL lengths is shown in the top row of
Fig. 6. Changing the SL length scales the size of the reachable
envelope almost linearly, but it does not affect either its shape
nor its location in the ax−ay plane. Increasing the SL lengths
is very beneficial in terms of the attitude control capabilities
of the SAVGS, but unfortunately this improvement comes at
the expense of higher actuation torques for any given set of
operating conditions [7].
The effect of the nominal SL angle is presented in the
second row of Fig. 6. Altering the nominal SL angle affects the
location of the reachable envelope in the ax−ay plane, but not
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Fig. 4: Flowchart to determine the reachable envelope for the
full (f) and partial (p) attitude control approaches. z is the
chassis height change (z > 0 → chassis is lowered), and i
refers to the corner number.
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Fig. 5: Example plot of f = 0 lines as a function of SL angles
(∆θSL = θSL−θ
(min)
SL ) and chassis height change. An equilibrium
is possible, if and only if, ∃z for which all corners can be in
equilibrium (red shaded area in this figure). Thus, min (z1)
must be greater or equal than max (z2).
its size nor its shape. Increasing the nominal angle improves
the behavior of the rear axle during braking, and of the front
axle during acceleration. Moreover, roll correction under pure
lateral acceleration is maximum for nominal angles equal or
close to pi/2.
The impact of the OCD is displayed in the third row of
Fig. 6. As expected, this parameter does not affect the be-
havior under pure longitudinal acceleration. It scales the peak
reachable lateral acceleration without distorting the envelope
in the ax direction. The rear (front) axle benefits from lower
(higher) σ values. The selection of σ is mainly determined
by handling considerations, and therefore it is likely to be an
input parameter when designing the SAVGS.
The importance of the lateral force distribution between the
inner and outer wheels is apparent from the fourth row of
Fig. 6. A lower ζ value implies that the split of lateral force is
more uneven, with the outer wheels generating a higher pro-
portion of the total lateral force. Changing ζ moves the upper
vertex of the reachable envelope in the ax direction by∆. As ζ
decreases, the upper vertex moves toward regions with higher
tire loads. In practice, ζ is likely to vary widely depending
on the operating conditions and on the road characteristics
under each tire. For a given variation of ζ, ∆ also depends
on the suspension geometry through dy′I/dzI (see (18)). The
greater this term, the greater ∆ will be. Generally speaking,
dy′I/dzI is larger in vehicles with roll centers far from the
road surface, as this tends to imply a larger coupling of lateral
and vertical relative displacement between the wheel and the
chassis. Depending on the level of certainty required from
the predicted ax − ay envelopes, a different range of ζ values
should be considered when dimensioning the single-links.
The predicted envelope should be obtained as the intersection
(which is still triangular) of those calculated with all ζ values
of interest.
The last two factors considered in the sensitivity analysis are
the spring stiffness and the payload (bottom rows of Fig. 6).
The size of the reachable envelope is scaled linearly with the
spring stiffness, but its position and shape remain unchanged.
Increasing the spring stiffness is beneficial, and its effect is
similar to that of lengthening the SL. Furthermore, although
increasing the SL lengths implies greater demands from the
actuators, stiffening the spring does not. This may have a
negative impact on comfort or other suspension functions, but
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Fig. 6: Reachable envelopes for the front (left) and rear (right)
axles of the GT as a function of SL lengths, nominal SL
angles, OCD, lateral force distribution, spring stiffness, and
sprung mass. Acceleration values have been normalized by
the peak longitudinal and lateral accelerations reachable with
the reference parameter values.
in terms of attitude control, the stiffer the better.
Changes in payload, on the other hand, affect the size and
the location of the reachable envelope in the ax − ay plane.
As expected, a higher payload implies a smaller reachable
envelope and a drift towards regions with lower tire loads.
B. Pre-dimensioning algorithm
A successful retrofit of a vehicle with the SAVGS requires to
take into account many factors and to reach design trade-offs
in different areas. The pre-dimensioning procedure outlined in
this section fulfills an important function: to provide a sensible
estimate for the SL lengths and nominal angles with which to
start the inherently iterative design process.
The procedure takes as inputs the properties of the vehicle
and a target ax − ay area in which full attitude control is
required, and it provides as outputs the smallest SL lengths
and associated nominal angles that ensure that the reachable
envelope contains the target envelope. The solution is obtained
using a strategy that takes into account the physics of the
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ax
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Fig. 7: Target (shaded gray) and reachable envelopes for
the full attitude (solid black) and partial attitude (dashed
black) control approaches for two different sets of steady-state
performance objectives. Full control triangles for individual
axles shown as dotted lines.
system under consideration, and that exploits the fact that each
axle can be dimensioned independently.
As shown in Section III-A, neither the SL lengths nor the
nominal angles have a major impact on the shape of the
reachable area. Knowing this, a first reachable envelope is
calculated assuming small SL lengths (e.g. equal to 1% of EG),
and nominal angles equal to pi/2. Depending on the relative
size and aspect ratios of the target and reachable areas, it is
determined whether the reachable envelope is potentially able
(i.e. large enough) to contain the target envelope, too big, or
of the right size. If it’s size is appropriate, then the nominal
SL angle is updated in steps so that the reachable envelope
moves towards the desired position. If it is not, then the SL
length is increased/reduced in steps, until it’s size matches the
desired one. Once one of the design variables (either length
or nominal angle) has been updated and is deemed to be
appropriate, the other one is corrected if necessary, and the
reachable envelope is recalculated. This process is repeated
until the reachable envelope contains the target envelope, and
the distance between the reachable envelope and at least two of
the vertexes of the target envelope is within a given tolerance.
Fig. 7 shows the final envelopes for a given vehicle and
two different sets of steady-state performance requirements.
On the left hand side, a target envelope with a narrow base
is shown. The reachable envelopes are wider and therefore
the peak lateral acceleration for which full attitude control
is required becomes the limiting factor. On the right hand
side, a wider target envelope is considered. In this case, the
requirements in terms of lateral and longitudinal acceleration
determine the SL lengths.
As expected, the reachable envelope for the partial attitude
control approach is, in all cases, equal or larger than that ob-
tained for the full attitude control approach and lies somewhere
in between the reachable envelopes for each axle under full
attitude control conditions.
IV. MULTI-OBJECTIVE ATTITUDE CONTROL SCHEME
Previously we established the mathematical models needed
to study the SAVGS capabilities when tackling changes in
chassis attitude (Section II), and we used the steady-state
prediction of these models to size the SLs for certain per-
formance (Section III). In this section we consider expanded
vehicle/actuator models with the full dynamics (model details
are given in Section V) to design control algorithms that
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Fig. 8: General control scheme for the SAVGS.
can drive the SAVGS with the desired performance under
general conditions. A general multi-objective control scheme
is proposed first, and it is then specialized for the control of
chassis attitude motions and OCD and subsequently tested by
simulation in the next Section. The realization of the desired
control performance might generally involve some iteration
between the dimensioning process and the control system
development.
A general control scheme for the SAVGS, suitable to tackle
N control objectives simultaneously, is shown in Fig. 8.
Measurements taken from the vehicle are conditioned and
fed to a higher level logic that also receives inputs from
the driver, the environment and other intelligent systems
on-board. This system determines the control objectives for
the SAVGS and sets the priorities (i.e. relative gains) for
each of them. The outer loop subsequently calculates the SL
position reference, θ∗SL, for each corner of the vehicle based
on the measured/estimated signals and the control objectives
provided by the higher level logic. The actuator units, which
comprise the actuator (PMSM + gearbox) and the position
control scheme (P.C.) in each corner of the vehicle as detailed
in [7], try to follow the aforementioned references whilst
respecting all physical and design constraints (voltage, current,
torque, speed and power limits).
Each controller in the outer loops calculates a position
increment for the corresponding actuator. These increments
are combined and added to the actual SL position to form the
(unsaturated) position reference. This ensures zero steady-state
tracking error for realistic control demands, as the reference
angle equals the actual angle when all tracking errors are zero.
The position references should not grow indefinitely and
they are saturated so that θ∗SL ∈ [θ(min)SL , θ(max)SL ]. Moreover,
(18) indicates that the initial and final 20-30 deg (out of
180 deg) of SL rotation barely provide any additional suspen-
sion force changes. Thus, the actuators may waste precious
time when trying to rotate to the very limits of the allowable
range, and hence the proposed control limits the range to
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[θ(min)SL +∆θ(min)SL , θ(max)SL −∆θ(max)SL ], where ∆θ(min)SL and ∆θ(max)SL
may be constants or functions of the operating conditions.
The general scheme shown in Fig. 8 is tailored in this paper
for the control of chassis attitude motions and of the OCD. For
corners i = 1, . . . ,4, C1i deals with vertical motions (heave)
of CMC, C2i with pitch rotations of the chassis, C3i with roll
rotations of the chassis, and C4i with the distribution of the
overturning couple between the front and rear axles. C1i indi-
rectly ensures that θSLi = θ
(ne)
SLi under nominal conditions, and
therefore that the reachable envelope (see Fig. 6) is centered
at the desired ax value. The controllers used to generate the
results shown in Section V are manually tuned PIDs acting
on the first time derivatives of the input signals. These pro-
vide good performance and robustness characteristics for the
attitude control problem. However, alternatives such as robust
H∞ techniques should also be investigated when dealing with
higher frequency applications (e.g. comfort enhancement),
additional control objectives and/or extra disturbances.
Human comfort and perception are subjective and complex
topics and the selection of suitable references for the attitude
controllers is not a trivial task [5]. Here, constant zero refer-
ences are selected for pitch and roll motions, and a constant
reference equal to the nominal height of CMC is considered
for the heave controller. This provides a consistent framework
for the study of the capabilities of the SAVGS.
Low-pass filtering the input signals, s1i to s4i, is of
paramount importance in the present simulation studies to
uncouple the fast dynamics of the four actuators and to
stabilize the model numerically (a time constant of 0.005 s
is appropriate in this case). It enables the additive blend-
ing of control commands proposed here, and avoids nu-
merical issues when selecting similar gains for both axles
and/or for different control objectives. That is, it provides
the necessary actuator-to-actuator and objective-to-objective
de-coupling needed to ensure smooth operation of the attitude
control scheme.
Outputs from the vertical (heave) motion, pitch, roll and
OCD control loops are given in (21) to (24), where all
control gains, K, are positive. Actuators operate in pairs
due to the geometric and loading symmetry of the attitude
control problem considered, but this would not be the case
if the controller was aiming to tackle additional disturbances
such as road irregularities. For the OCD case, the control
approach is as follows: first, the total roll moment, Mroll,
generated by the vertical tire loads is estimated; then, the roll
moment to be compensated by each axle is computed as a
function of the total roll moment and the reference share to
be provided by the rear axle, σ∗. That is,M∗roll,f = (1−σ∗)Mroll
and M∗roll,r = σ
∗Mroll. The tracking errors are defined as
ef =M
∗
roll,f −Mroll,f and er =M
∗
roll,r −Mroll,r.
∆θ
(1)
SL1 =∆θ
(1)
SL2 = +K
(1)
p,f z˙CMC +K
(1)
i,f ∆zCMC +K
(1)
d,f z¨CMC
∆θ
(1)
SL3 =∆θ
(1)
SL4 = +K
(1)
p,r z˙CMC +K
(1)
i,r ∆zCMC +K
(1)
d,r z¨CMC
(21)
∆θ
(2)
SL1 =∆θ
(2)
SL2 = −K
(2)
p,f θ˙ −K
(2)
i,f θ −K
(2)
d,f θ¨
∆θ
(2)
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(2)
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(2)
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Fig. 9: Electrical arrangement for vehicles with conventional
powertrain architectures. All electrical power flows are bidi-
rectional. Starting from (to) the battery, a DC-DC converter
steps-up (steps-down) the voltage to (from) that of the high
DC voltage bus. A power distribution unit (PDU) interconnects
the high DC voltage bus with the four DC-AC converters that
drive the servo-motors.
∆θ
(3)
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(3)
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∆θ
(4)
SL3 = −∆θ
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(4)
p,f e˙r +K
(4)
i,f er +K
(4)
d,f e¨r (24)
V. SIMULATION RESULTS
In this section, the effect of the SAVGS on the dynamic
response of a vehicle is investigated through simulations of
five standard open-loop maneuvers. In order to understand
the influence of the SAVGS, the dynamic response of the
vehicles retrofitted with the SAVGS is compared with that of
the original passive configurations (all without anti-roll bars).
A high-fidelity, multi-body, full-vehicle model [7] that in-
cludes the suspension geometry and other nonlinear factors
such as nonlinear tire, actuator, control, and damper models,
has been developed in AutoSim [13], [14] and fed with two
parameter sets: one representative of the Grand Tourer (GT)
vehicle class, and one representative of the full size sports
utility vehicle (SUV) class in fully-laden configuration.
One quarter of the mass of the SAVGS components is added
to each corner of the vehicle at the height of point G (see
Fig.3). Total masses of the original vehicles are 1525 and
2950 kg for the GT and SUV respectively, and the mass added
by the SAVGS considering the actuators, chassis reinforce-
ments, and power electronics (see Fig. 9) is 32 kg and 88 kg
(∼2.1% and 3.0% of the original vehicle masses). Actuators
are based on the commercial ranges offered by Kollmorgen
and Wittenstein. Front/rear SL lengths are 15/11mm and
25.5/22mm respectively, which lead to maximum changes
in equivalent vertical stiffness of the suspension (due to SL
rotations) of 2% and 1%. Additional vehicle and actuator
parameters are provided in Table I in the Appendix.
The proposed control system is very flexible regarding the
selection of control priorities. Here, most results are obtained
with a controller that prioritizes roll mitigation and does not
explicitly act upon the OCD (this will be referred to as
C-RM). Where appropriate, sets of gains that prioritize OCD
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Fig. 10: Roll reduction achieved with respect to the original
passive vehicles during steady-state cornering.
control (this will be referred to as C-OCD) or pitch mitigation
(C-PM) are also considered and the differences discussed.
Any intermediate configuration is possible, and the results
presented should be interpreted as some of the boundaries of
the response of the car rather than as the results of the best
compromise control. Actual control gains used are given in
Table II in the Appendix.
A. Steady-state cornering
This open-loop test method is simulated to assess the po-
tential of the SAVGS for roll mitigation and for the alteration
of the directional response of the car.
Vehicles are driven at increasing forward speeds in a circular
path of 100m radius, as defined in ISO 4138 [15]. Firstly, the
SAVGS potential for attitude control is analyzed by setting
the control gains associated with the OCD to zero (C-RM).
Fig. 10 shows that the roll angle is completely neutralized up
to lateral accelerations of approximately 6 and 4m/s2, and that
roll reductions remain above ∼50% for the expected range of
lateral accelerations for each vehicle.
The effect of the SAVGS on the directional response can be
clearly appreciated through the standard plots of yaw velocity
gain (yaw velocity, Ψ˙, over steering wheel angle, δ) vs.
forward velocity shown in Fig. 11 and Fig. 12. The response
with the passive suspensions (dotted black) is very similar to
that obtained with the SAVGS and C-RM (solid red). For the
GT, the active suspension leads to slightly more understeering
at high speeds, whereas for the SUV the drop in yaw velocity
gain is pushed to higher speeds.
Results are also presented for an alternative set of control
gains corresponding to almost exclusive focus on the control
of the OCD (dashed red). In this case (C-OCD), roll angles are
similar to those of the passive arrangements, but the directional
responses can be greatly affected by the SAVGS. Cases shown
correspond to σ∗ = 0 (increased understeering) and σ∗ = 1
(increased oversteering).
B. Step steer
This is a transient open-loop maneuver useful to compare
the attitude control capabilities of the SAVGS during rapid
transients with those obtained under steady-state conditions.
A sudden steering wheel input is applied when driving in
a straight line at 100 km/h as defined in ISO 7401 [16]. The
steering wheel angle is increased at a constant rate of 500 deg/s
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Fig. 11: Yaw velocity gain as a function of forward speed for
the GT while driving in a circle of 100m radius.
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Fig. 12: Yaw velocity gain as a function of forward speed for
the SUV while driving in a circle of 100m radius.
from 0 to δ(ss), where δ(ss) is the steering wheel angle needed
by the vehicles equipped with passive suspensions to maintain
a certain level of steady-state lateral acceleration, a(ss)lat , when
driving at a constant forward speed of 100 km/h.
The reduction in peak roll angle achieved thanks to the
SAVGS and C-RM is presented in Fig. 13. Comparing this
with Fig. 10, it becomes clear that the attitude control provided
by the SAVGS is almost as good as in the steady-state case.
C. Continuous sinusoid steer
This lateral transient open-loop test method is useful to un-
derstand the performance of the SAVGS at various frequencies
and to assess its power demands when pressed to its limits.
A continuous steering-wheel sinusoid is applied when driv-
ing in a straight line at 100 km/h as defined in ISO 7401
[16]. The amplitude of the steering-wheel sinusoid is δ(ss),
as defined in Section V-B. Steering frequencies from 0.2Hz
to 3Hz in 0.2Hz steps are applied and results obtained with
the passive and active suspensions compared. For each case,
10 full steering cycles are simulated and results are processed
from the last 5 cycles to remove initial transients. The ratio of
the RMS roll angle obtained with the active suspension and
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Fig. 13: Reduction in peak roll angle during step-steer.
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Fig. 14: Ratio of RMS roll angles obtained with the active and
passive suspensions of the GT (top) and SUV (bottom) during
continuous sinusoid steering-wheel input maneuvers. Average
power consumption contours are also shown.
C-RM over the one computed with the passive suspension
is shown in Fig. 14. This ratio remains below 10% in most
cases and rises to 20% (GT) and 55% (SUV) at 1Hz and large
steering-wheel amplitudes. The average power consumed by
the SAVGS, considering losses in the power electronics and
actuators, is shown in the same figures as contour lines. In the
worst case, the average power consumption barely exceeds
500W and 3 kW for the GT and SUV respectively.
To check if the actuators are requested to operate above
safe levels, the worst (in the sense of leading to the largest
proportion of time working above torque limits suitable for
continuous operation) torque histogram obtained from the
SUV actuators is presented in Fig. 15. This corresponds to
a steering frequency of 1Hz and a steering amplitude leading
to a(ss)lat = 8m/s
2. Even in such a demanding event, the output
torque remains below the limit for continuous operation during
75% of the time, and torques close to the peak limit are
reached during less than 1% of the time.
D. Fishhook
The fishhook is an open-loop maneuver test procedure
used by the National Highway Traffic Safety Administration
(NHTSA) of the US Department of Transportation, under
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Fig. 15: Worst output torque histogram obtained from the
SUV actuators. Blue bars indicate the percentage of time for
which individual torque levels (bins) are outputted, and the
solid black line represents the percentage of time for which
equal or lower torques are outputted. The two red vertical lines
correspond to the actuator limits for continuous (dashed) and
peak (solid) operation.
the New Car Assessment Program (NCAP) to evaluate light
vehicle dynamic rollover propensity [17]. Here it has been
simulated to understand the influence of the SAVGS in the
roll propensity of the SUV (the GT is not prone to rollover).
The test procedure comprises two stages. In the first
one, a slow-turning maneuver is performed to determine the
steering-wheel angle required to reach a lateral acceleration
of 0.3 g, δ0.3g, at a forward speed of 50mph. In the second
stage, the vehicle is driven in a straight line at a certain
MES (Maneuver Entrance Speed). Then the throttle pedal is
released, and the steering-wheel is suddenly (720 deg/s) rotated
up to δfh = 6.5 δ0.3g. When the roll rate drops below 1.5 deg/s,
the steering input is reversed (again at 720 deg/s) to −δfh,
maintained there for 3 s and then reverted to zero in a 2 s
period. The first maneuver is performed with MES=35mph.
Depending on the results obtained, the maneuver is repeated
with MES=40, 45, 47.5 and 50mph.
The passive SUV survives the fishhook with MES=35mph
(although it displays two-wheel lift-off), but rolls over with
MES=40mph. The SUV retrofitted with the SAVGS, on the
other hand, manages to avoid rollover even at MES=50mph.
Results for MES=50mph are presented in Fig. 16 for the
passive and active (C-RM) configurations. The applied steering
input is included in the top plot to help understand all other
results. In the second and third plots, the lateral acceleration
and roll angles are shown. The delay of the lateral acceleration
with respect to the steering input is significantly smaller for
the vehicle retrofitted with the SAVGS. In terms of roll angle,
the SAVGS keeps it below 5 deg in the first steering phase,
and it peaks at around 10 deg in the second. Two-wheel lift
happens at time t1, but contact with the ground is regained
at time t2 and the vehicle remains stable until the end of the
maneuver. The vehicle equipped with the passive suspension,
on the other hand, displays two-wheel lift at the point indicated
by ●, and eventually rolls over.
The fourth plot in Fig. 16 shows the angles rotated by the
single-links with respect to θ(min)SL . Front and rear actuators
react equally fast, and their motion is smooth throughout
the allowable range of operation. Finally, the bottom plot
corresponds to the power consumed by the SAVGS. For most
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Fig. 16: Results for the passive and active configurations of
the SUV during the fishhook maneuver (MES=50mph).
of the simulation, the power consumption is negligible. This
is due to the fact that the single-links are very close to
being aligned with the spring-damper unit, and therefore the
required torques and currents are very small. Power flows grow
when the actuators are moving, but consumption is well under
control in all cases and does not exceed 7 kW.
E. Braking in a turn
This maneuver is simulated to study the different require-
ments arising from the pitch and roll control loops. As defined
in ISO 7975 [18], the car is initially driven in a circular path of
100m radius at a constant lateral acceleration of 5m/s2. The
steering wheel is fixed and brakes applied so that the vehicle
slows down at a constant deceleration rate of 5m/s2.
Results obtained with the SUV are shown in Fig. 17. Three
cases are included: passive suspension, SAVGS with roll focus
(C-RM), and SAVGS with pitch focus (C-PM).
Before the brakes are applied at t = 0, both controllers
cope equally well with roll demands and provide significant
correction with respect to the passive suspension. Behavior
differs as soon as deceleration begins because the combined
requirements arising from pitch and roll mitigation exceed the
SAVGS potential for full attitude control. In the case with roll
focus, pitch is improved with respect to the passive case only
when the demands arising from roll mitigation drop below
0
2
4
6
φ
(d
eg
) Passive
SAVGS with roll focus
SAVGS with pitch focus
0 2 4 6
−2
−1
0
1
Time (s)
θ
(d
eg
)
Fig. 17: SUV results for ISO 7975 brake in turn maneuver.
the point of complete SL saturation at roughly t = 2 s. In the
case with pitch focus, the SAVGS capabilities are transferred
from roll to pitch control immediately after the application of
the brake pedal. Roll is still significantly reduced with respect
to the passive case, but a fraction of the SAVGS potential is
allocated to pitch mitigation and the resulting behavior is more
balanced. Regarding heave motions, the variation of CMC
height above ground is 24mm in the passive case, and 33mm
and 10mm in the cases with roll and pitch focus respectively.
Overall, this maneuver shows how pitch correction requires
a higher share of the SAVGS potential per degree of attitude
angle reduction, and how different compromises can be easily
reached by simply adjusting the relative gains between the
pitch and roll control loops.
VI. CONCLUSIONS AND FUTURE WORK
A steady-state mathematical model was developed to study
the SAVGS potential for the control of attitude motions and
of the directional response of the car. The concepts of target
and reachable steady-state envelopes were introduced and
a sensitivity analysis was performed to cast light on the
dependencies that exist between the properties of the vehicle,
the passive suspension and the SAVGS. This proved to be
valuable when pre-dimensioning the SAVGS, and we believe
that the same methodology could be adapted to other active
suspension technologies.
As part of the SAVGS co-design process, a general scheme
for the multi-objective control of the SAVGS was also pre-
sented. The importance of low-pass filtering the measure-
ments to uncouple the fast dynamics of the electro-mechanical
actuators was highlighted, and expressions for attitude and
OCD control were provided. This approach was subsequently
tested via simulation of two different vehicle classes under a
wide range of operating conditions. Results presented highlight
the flexibility of the proposed control as well as the good
performance, both in steady-state and during transients, that a
reasonably sized SAVGS retrofit can provide. Moreover, the
outer control loops demonstrated good robustness characteris-
tics as the exact same gains were used for the GT and SUV
cars considered and led to good performance in both cases
despite the great differences in masses, SL lengths, actuator
parameters etc.
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Overall, the work presented in this paper constitutes a solid
foundation for the application of the SAVGS to the control
of attitude motions of the chassis. Future investigations will
focus on the use of the SAVGS for comfort and road holding
enhancement, and for simultaneous control of chassis attitude
motions, comfort and road holding.
APPENDIX
TABLE I: Main vehicle and SAVGS parameters
Parameter Units Axle GT SUV
Total/Sprung mass kg - 1525/1325 2950/2700
Wheelbase/CM height mm - 2600/424 3076/710
Weight distribution % F/R 43/57 50/50
Spring stiffness N/mm F/R 92/158 150/200
Tire stiffness N/mm F&R 275 290
Installation ratio - F/R 0.60/0.56 0.58/0.50
Roll center height mm F/R 181/183 180/180
SL lengths mm F/R 15/11 25.5/22
Actuator mass kg F&R 6 12
Gear ratio - F&R 40 66
Peak output torque Nm F&R 205 560
Max. output speed rpm F&R 137 73
TABLE II: Control gains for GT and SUV vehicles
Controller Control aim Eq. # Axle P I D
C-RM
Heave (21) F&R 0.1 2 1
Pitch (22) F&R 1 5 0.04
Roll (23) F&R 5 25 0.04
OCD (24) F&R 0 0 0
C-OCD
Heave (21) F&R 0.01 0.2 0.1
Pitch (22) F&R 0.1 0.5 0.004
Roll (23) F&R 0.5 2.5 0.004
OCD (24) F&R 0 0.0001 0
C-PM
Heave (21) F&R 0.1 2 1
Pitch (22) F&R 1 5 0.04
Roll (23) F&R 0.2 1 0.04
OCD (24) F&R 0 0 0
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